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Abstract: Gifford-McMahon-type pulse-tube cryocoolers (GM-PTCs) working at liquid helium temperatures are promising in
quantum technology and cryogenic physics for their high reliability and minimal vibration. These features stem from the fact
that there are no extra moving parts introduced into the system. The rotary valve is a key component in GM-PTCs that transfers
the output exergy from the compressor to the cold head. Because a low Carnot efficiency of 1.58% is achieved at liquid helium
temperatures, optimizing the rotary valve is crucial for improving the efficiency of GM-PTCs. In this regard, an exergy-loss
analysis method is proposed in this paper to quantitatively obtain the leakage loss and viscosity loss of a rotary valve by
experimental measurements. The results show that viscosity loss accounts for more than 97.5% of the total exergy loss in the
rotary valve, and that it is possible to improve the structure of the rotary valve by expanding the flow area by 1.5 times. To
verify the method, the cooling temperature and power of a remote two-stage GM-PTC were monitored, with original or optimized
rotary valves installed. The experimental results show that compared to the original rotary valve, the optimized rotary valve can
improve the cooling efficiency of a GM-PTC by 16.4%, with a cooling power of 0.78 W at 4.2 K.
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1 Introduction 2023), and particle physics (Alduino et al., 2019; The

CUORE Collaboration, 2022). Although GM-PTCs

Compared with Gifford-McMahon (GM) cryo-
coolers, Gifford-McMahon-type pulse-tube cryocoolers
(GM-PTCs) have no moving parts at the cold end, and
have inherently high reliability, long life, low vibration,
and no electromagnetic interference (Ji et al., 2022;
Kasai et al., 2022), making them a promising cooling
source for applications such as the superconductive
quantum interference device (SQUID), superconduct-
ing quantum chip cooling (Choi, 2022; Hollister et al.,
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have become mature commercial products (Bluefors,
2023b; SHI Cryogenics Group, 2023), they still have
limitations in terms of low cooling capacity and effi-
ciency (de Waele, 2011, 2012). The PT425 GM-PTC
manufactured by Cryomech, for example, can provide
a cooling capacity of 2.7 W at 4.2 K, but its relative
Carnot efficiency is as low as 1.58% (Hao et al., 2022;
Bluefors, 2023a). Therefore, improving the efficiency
at liquid helium temperature is vital for the large-scale
application of GM-PTCs (Wang and Gan, 2013; Lei
and Xu, 2022).

The GM-PTC system consists of a compressor,
distribution valve, and cold head. A series of theo-
retical studies have been carried out on the side with
the cold head, including attempts to optimize the regen-
erator (Gan et al., 2009), pulse tube (Liang and de
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Waele, 2007), and phase shifters (Zhu et al., 2009) to
improve efficiency. With regard to the compressor and
distribution valves, many numerical investigations
have been conducted with the help of Sage (Gedeon,
2014) and computational fluid dynamics (Karpenko
and Bogdevicius, 2020), and a very limited number of
studies have examined ways to measure the signifi-
cant exergy losses suffered by the compressor and dis-
tribution valves of GM-PTCs (Liu et al., 2017).

The exergy loss of the compressor in a Stirling-
type pulse-tube cryocooler is about 20% to 30% (Rade-
baugh et al., 2002; Tanaeva et al., 2006), but the exergy
loss of the compressor in a GM-PTC uses up about 50%
of the input electrical power (Liu et al., 2017). The
compressors applied in GM-PTCs are commercial pro-
ducts, making it very difficult to improve exergy effi-
ciency and keep costs low (Hitachi, 2023). In addition,
there is still a 30% exergy loss in the distribution
valves of the GM-PTC, according to the simulation con-
ducted by Liu et al. (2017). Therefore, optimization of
the distribution valves is one of the most essential re-
search avenues for improving the cooling efficiency of
GM-PTCs (Karpenko et al., 2023; Zhao et al., 2023).

The rotary valve and solenoid valve are two typi-
cal distribution valves for GM-PTCs. Since the empiri-
cal coefficients of each distribution valve need to be
calibrated via experiments, the effect of the structure
and timing of these two valves on the cooling perfor-
mance of GM-PTCs is studied mostly by experimen-
tal investigations, as summarized below.

Many studies have been conducted to investigate
the effect of the structure of distribution valves on
GM-PTCs. Thummes et al. (1995) coupled a GM-PTC
with a rotary valve and a series of needle valves to
change the pressure-wave form into the cold head and
investigated the effect of the wave forms on cooling
performance. The results showed that a pressure-wave
form with long dwell times at peak pressures resulted
in a lower cooling temperature of 61 K compared to
the 69 K obtained by a sine pressure-wave form. Wang
et al. (2010) adopted three solenoid valves and a rotary
valve as the distribution valves for a GM-PTC. When
the number of solenoid valves increased from one to
three, the hot-end pressure ratio rose from 1.71 to
1.94, achieving a lower no-load cooling temperature
between 15.7 K and 14.4 K. Since the flow area of
the solenoid valves was much smaller than that of the
rotary valve, a higher hot-end pressure ratio of 2.19

was obtained when replacing the three solenoid valves
with a rotary valve, achieving a lower no-load cooling
temperature of 12.4 K.

With regard to the effect of the timing of distri-
bution valves on cryocooler performance, Zhu et al.
(1998) investigated the effect of the length of the wait-
ing time (i.e., the period when the high-pressure valve
and low-pressure valve are both closed) of solenoid
valves on an orifice pulse-tube cryocooler by conduct-
ing numerical simulations and experiments. The numer-
ical results showed that when the waiting time increased
from 0 to 1/4 cycle, the no-load cooling temperature
of the cryocooler decreased. Meanwhile, the experi-
ments showed that when the waiting times were 1/360
cycle and 1/4 cycle, the no-load cooling temperature of
the cryocooler was 45.1 K and 40.3 K, respectively.
Qiu and Thummes (2002) conducted an experimental
investigation on the ratio of exhaust time to intake time
in the range of 1.05 to 1.41 for a two-stage GM-PTC
working at liquid helium temperatures. The optimum
ratio depended on the input power of the compressor.
When the input power of the compressor was low
(1.7 kW), a smaller ratio (1.05) achieved a higher mass
flow rate to the cold head and allowed the GM-PTC to
reach a maximum cooling power of 202 mW at 4.2 K.
When the input electric power of the compressor was
high enough (6 kW), a larger ratio of 1.3 achieved a
maximum cooling power of 500 mW at 4.2 K.

From the above literature survey, it is clear that
most studies have concentrated on studying the feasi-
bility of distribution valves by comparing the effects of
different structures and valve timing on the performance
of cryocoolers, but very few studies have focused on
analyzing exergy loss in distribution valves. In this
paper, we propose a test method for assessing the
exergy loss, including the leakage loss and viscosity
loss, in a rotary valve. With the help of this method,
the distribution of leakage loss and viscosity loss in a
rotary valve under different operating conditions can
be obtained and analyzed, providing guidance to opti-
mize the rotary valve by expanding its flow area by
1.5 times. To verify the method, we monitored the
cooling temperature and power of a remote two-stage
GM-PTC with original or optimized rotary valves
installed. The experimental results show that compared
to the original rotary valve, the optimized rotary valve
can improve cooling efficiency by 16.4%, with a cool-
ing power of 0.78 W at 4.2 K.



2 Experimental test of exergy loss from a
rotary valve

2.1 Tested rotary valve

The rotary valve, consisting of a suction valve
and discharge valve, is a distribution valve that opens
and closes periodically according to specific timing. As
shown in Fig. 1, when the discharge valve is opened,
the cold head is connected to the high-pressure gas
source for pressurization (the discharge period). When
the suction valve is opened, the cold head is connect-
ed to the low-pressure gas source for depressurization
(the suction period). Normally, the suction and dis-
charge valves are not open at the same time. When
they are closed at the same time, it is called the quiet
period.

(a) ©)

Fig. 1 Schematic diagram of three steps for a working rotary
valve: (a) discharge period; (b) quiet period; (c) suction
period. p, is the high pressure; p, is the low pressure; p,_ is
the pressure in the load (i.e., reservoir and cold head)

Fig. 2 displays the basic structure of the tested
rotary valve. Inside the rotary valve, there is a stator
and a rotor. The valve spool has a symmetrical arrange-
ment to eliminate the unbalanced differential pressure
exerted on the rotor, and there is a dead space between
the rotor and bushing; therefore, there is no friction in
this rotary valve caused by the asymmetrical differen-
tial pressure. The stator has two orifices with an equiv-
alent flow area of 16 mm’, to let the helium gas in and

Fig. 2 Basic structure of the tested rotary valve
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out of the cold head. The rotor has a groove connect-
ing the high-pressure and low-pressure chambers of the
compressor. By means of the matching relationship
between the stator and rotor, the rotary valve changes
the direct current (DC) flow into low-frequency alternat-
ing flow to drive the cold head of a GM-PTC. Thus,
to improve the efficiency of GM-PTCs, clarification
of exergy loss in the rotary valve is of great value.

2.2 Exergy loss test of a rotary valve
The exergy loss generated in a rotary valve consists
of leakage loss and viscosity loss (Zhao et al., 2023):
E:Eleak-'_Efric? (1)

where E is the total exergy loss, E e 18 the exergy loss
caused by gas leakage, and E,, is the exergy loss caused
by flow resistance.

fric

2.2.1 Leakage loss

The exergy loss caused by gas leakage between
the high-pressure and low-pressure gas chambers is
called leakage loss, and is expressed as follows:

. 1 .
Eleak:?fo(gh_gl)mleakdtv (2)

where subscripts h and 1 denote the high pressure and
low pressure corresponding to the suction and exhaust
processes, respectively. g is the specific Gibbs free
energy, 7 represents the period of one cycle, ¢ is the time,
and m,, denotes the mass flow rate of the leaked gas.

The mass flow rate of gas leakage in Eq. (2),
expressed by Eq. (3) (Zhu et al., 1997), is dependent on
the pressure difference (Ap) between the high-pressure
(p,) and low-pressure (p,) gas sources and on the leak-
age coefficient:

mlcak=K\/pl(ph_pl) =K\/p&p ., 3)

where p, is the density of the gas at low pressure, and
K is the leakage coefficient. The leakage coefficient is
a characteristic factor of a rotary valve that changes
with pressure differences and operating frequencies.
It should be noted that the leakage mass flow rate
M, cannot be directly measured when the rotary
valve is connected to a compressor and a cold head.
Therefore, m,, should be calibrated by the leakage
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coefficient K and pressure difference Ap in the calcula-
tion of E,.,,.

To calibrate the leakage coefficient of the rotary
valve under various pressure differences and operat-
ing conditions, we established a test platform with the
positions of measuring mass flow rate and pressure,
as shown in Fig. 3.

®

Recovery
airbags

Micai

Rotary valve

Fig. 3 Test platform for the leakage coefficient of rotary
valve: (a) schematic diagram; (b) photograph

In the experimental system, two Keller LEO3
digital pressure gauges were utilized to test the pres-
sure difference in Eq. (3), and a Bronkhorst F-201A
flowmeter was applied to monitor the leakage mass

flow rate m,,,. Detailed information on the measured
parameters is listed in Table 1.

It should be noted that the measured pressure dif-
ferences take into account the pressure drops along the
way of valve measuring connectors. Compared to the
large pressure difference inside the rotary valve, the
pressure drops caused by the connectors can be ne-
glected in the testing process. During testing of the
leakage coefficients, the load side of the rotary valve
was blocked by a self-sealing connector to force all the
leaked gas to go through the flowmeter. When the
rotary valve worked at a fixed operating frequency, the
high-pressure gas was adjusted to the desired pressure
with the regulating valve. The gas leaked from the high-
pressure side of the rotary valve to the low-pressure
side and then entered the recovery airbags.

In addition to recording the pressure differences
and leakage mass flow rate with different frequencies,
we monitored ambient temperatures to calculate the p,
in Eq. (3), with the help of the database of National
Institute of Standards and Technology (NIST), USA.
After obtaining m,,, Ap, and p, at a fixed operating
frequency ( /), we calibrated the leakage coefficient K.
Fig. 4a presents the changes in the leakage coefficient
with pressure difference, with different operating fre-
quencies in the range of 1.2 to 2.4 Hz.

When Ap changed from 0.6 MPa to 1.6 MPa, the
relative change of K was less than 2%, indicating that

Table 1 Information on the parameters measured on the test platform for the leakage coefficient of rotary valve

Parameter Symbol Sensor Range Uncertainty
Differential pressure Apy, Ap, Keller LEO3 0-3.0 MPa +3 kPa
Mass flow rate for leakage test M e Bronkhorst F-201A Flowmeter 0-80 L/min +0.08 L/min

(a) 1.0 (b) 1.0
) )
X 3
x 04r < 04}
—0— f=2.4 Hz
g o Raltz 0.2f
—A— =16 Hz
e o s K=2x10"57+3x10°® (m?)
00 1 1 1 1 00 1 1 1 1 1 1 1
0.0 04 0.8 1.2 1.6 2.0 1.0 1.2 1.4 1.6 1.8 2.0 22 24
Ap (MPa) f(Hz)

Fig. 4 Experimental results of the leakage coefficient for the rotary valve: (a) relationship between leakage coefficient and
pressure difference with different operating frequencies; (b) linear fitting of leakage coefficient with operating frequency



K was only related to the operating frequency. The
averaged leakage coefficient, after calculating an inte-
gral average of K from 0.6 MPa to 1.6 MPa at each
point of operating frequency, is displayed in Fig. 4b.
The analytical correlation between the leakage coeffi-
cient and operating frequency for the rotary valve can
be obtained through the linear fitting.

2.2.2 Viscosity loss

Exergy losses caused by non-linear flow resistance
of the nozzle in the discharge valve and suction valve
are defined as follows:

L (r . .
Evim | (qimgmdt Gi>0). @)

: 1(° . .
Efric.s: ?fo(gc_gl”mldt (m<0)7 (5)

where the subscript ¢ represents the load (cold head
or reservoir), subscripts d and s represent the discharge
valve and suction valve, respectively, and m is the
mass flow rate.

To assess the viscosity loss from the rotary valve
under different operating conditions, we established the
experimental platform shown in Fig. 5.

(a)
Compressor

Fig. 5 Experimental platform used to assess viscosity loss
in the rotary valve: (a) schematic diagram; (b) photograph

Void volume

The suction and discharge valves in the tested
rotary valve were connected to the high-pressure
and low-pressure chambers in a scroll compressor
(S603DH) manufactured by Hitachi, Japan, with a
steady-state input electrical power of 6—7 kW. The load
connected to the rotary valve was two constant-volume
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gas reservoirs (0.5 L and 2.0 L) maintained at ambient
temperature by water cooling. These reservoirs repre-
sented the total void volume of the cold head of the
GM-PTC rather than the void volume of a specific com-
ponent such as the pulse tube or reservoir. Table 2 lists
the information on the parameters measured on the
experimental platform, presented in Fig. 5.

Table 2 Information on the parameters measured on the
experimental platform shown in Fig. 5

Parameter Symbol Sensor Range Uncertainty
Electric DTSUS886 0-13.2kW =£0.1 kW
power
Pressure Pw P . Keller MSHB 0-5.0 MPa  +5 kPa

oscillation

Since the compressibility factor of helium at
ambient temperature (about 300 K) is close to unity
according to the NIST database, we next applied the
ideal gas equation of state to describe the helium. It
should be noted that the gas reservoir shown in Fig. 5
was utilized to measure the alternating mass flow rate
through the rotary valve with the resistance and com-
pliance (RC) load approach (Swift, 2002). Normally, the
temperature of the gas reservoir is assumed to be con-
stant in the RC load approach (Zhou and Matsubara,
1998). To keep the temperature of the gas reservoir as
constant as possible during the compression and expan-
sion process, the reservoir was placed in water which
was controlled at 300 K by a thermostat with an un-
certainty of 0.03 K. Assuming the isothermal process
in the gas reservoir, the alternating mass flow rate can
be expressed by:

Vi dp.
m= RiTO ? , (6)
where V. is the volume of the reservoir, R is the gas
constant of helium, and 7, is the ambient temperature.
In addition to accurately measuring the alternating mass
flow rate, monitoring the high pressure and low pres-
sure is essential in calculating the Gibbs free energy
in Egs. (4) and (5). Therefore, we used three Keller
MS5HB high-frequency pressure transducers (with an
uncertainty of £5 kPa), to monitor the high pressure
(p,) and low pressure (p,), as well as the transient pres-
sure in the gas reservoir (p,) (Fig. 4).
Combined with Egs. (4)—(6), the exergy loss of
viscosity can be expressed as follows:
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. I/res max p.
Efric,,d:RTO flninpc(gh_gC)de’ (7)
E I/reS J»maxpC d 8
fric,s_RTo minpc(gc_gl) pc7 ( )

where min p, and max p, refer to the minimum and
maximum pressures in the reservoir (p,). Generally, the
min p, and max p, are very close to the suction and
discharge pressures, respectively.

The Gibbs free energy of helium gas is a function
of state with temperature and pressure. Fig. 6 shows
the relationship between the specific Gibbs free energy
of helium and its pressure at 7, (300 K), where the
specific Gibbs free energy of helium is a monotonic
and convex function of pressure. When the mass flow
rate is fixed, the Gibbs free energy changes more at a
lower pressure, indicating that a higher suction pres-
sure of the rotary valve helps to decrease the viscosity
exergy loss, based on Egs. (7) and (8).

-4.8
9=0.6267Inp-5.4184x10° (J/kg) K
-5.0 57

S52F ’

5.4 %

g (x108 J/kg)

5.6 ’

-5.8F /

-6.0 A 1 I 1 1
0.0 0.5 1.0 1.5 2.0 25

p (MPa)

Fig. 6 Relationship between specific Gibbs free energy of
helium and pressure at 300 K

Fig. 7 displays the ratio of E #ic.q and E wies (P) with
different suction and discharge pressures. For a fixed
discharge pressure of 2 MPa, as the suction pressure
increases from 0.4 MPa to 1.8 MPa, ¥ increases from
0.60 to 0.95, leading to a lower E #ie.s At @ higher suc-
tion pressure. Therefore, increasing suction pressure can
reduce the exergy loss at the suction valve.

2.3 Assessment of exergy loss generated in the
rotary valve

After testing the leakage loss and viscosity loss
in the rotary valve, we tested the distribution of £,

Ey.. and E,, generated in the rotary valve when two

fric, s>

reservoirs with volumes of 0.5 L and 2.0 L were installed
(Fig. 8). The mean pressure (p,,) during the test was
constant at 1.7 MPa, and the operating frequencies
were between 0.8 Hz and 2.6 Hz.
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Fig. 7 Ratios of E,.md and E,,, with different suction and

discharge pressures
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Fig. 8 Tested distribution of E,, ., E,.., and E,,, in the
rotary valve using two reservoirs with volumes of 0.5 L
and 2.0 L

As indicated in Fig. 8, the leakage loss was about
2.5% of the viscosity loss under all testing conditions,
proving viscosity loss to be dominant in exergy loss
at the rotary valve. Applying Egs. (7) and (8) revealed
that viscosity loss can be affected by the volume of
the gas reservoir and the Gibbs free energy with dif-
ferent pressures. When the rotary valve is connected
to a 0.5 L reservoir, the mass flow rate is small and
increases linearly with the operating frequency, leading
to a positive correlation of total exergy loss with oper-
ating frequency. When the rotary valve is connected
to a 2.0 L reservoir, the mass flow rate is high and is
limited by the flow area of the suction and discharge



valves in the rotary valve. Thus, exergy loss does not
consistently increase with operating frequency. Com-
pared to E frie.d> E #ie.s takes up a slightly larger portion
of the exergy loss. Therefore, minimizing the flow
resistance of the suction valve and discharge valve is
essential to reduce exergy loss.

3 Structural optimization to reduce friction
loss in rotary valves

Based on assessments of the exergy loss at the
rotary valve and work done by Panda et al. (2019) and
Xu et al. (2019), we recommend reducing the flow
resistance of the suction valve and discharge valve to
optimize the rotary valve. The original rotary valve
(RV1) has a flow area of 40 mm’. With the help of
Sage, the changes in the cooling power of a two-stage
GM-PTC with different flow areas of the rotary valve
are presented in Fig. 9. More information about the
two-stage GM-PTC can be found in Section 4.

0.96
T,=4.2K
f=1.3 Hz
094 L pPn=1.7 MPa
3
o 092
H TRV2
a 1
o 1
£ 090 !
o 1
8 1
¥
1
0.88 - : !
1
1 1
I 1
1 1
0.86 1 1 ] 1 1
30 40 50 60 70 80 90

Flow area (mm?)

Fig. 9 Relationship between the flow area of the rotary
valve and the cooling power of the GM-PTC at cooling
temperature of 4.2 K as plotted by Sage (7, is the cooling
temperature of the 2nd stage)

The figure shows that the cooling power at 4.2 K
increases with the flow area of the rotary valve, indi-
cating better performance with a larger flow area.
However, because it is limited by the motor torque
and 3D structure of the rotary valve, the flow area can
only be expanded to 60 mm’. Hence, we fabricated
and tested an optimized rotary valve (RV2) that had a
larger equivalent flow area than the original one, to vali-
date the exergy loss assessment described in Section 2.
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RV1 is shown in Fig. 2, and RV2 in Fig. 10. Compared
to RV1, the equivalent flow area of RV2 was about
1.5 times larger, with the same valve timing.

Orifice 1

Orifice 2
40 mm?

60 mm?

Controlled area

RV1 Rv2

Fig. 10 Structure of the stators in both rotary valves (RV1
and RV2)

Based on the two experimental platforms illus-
trated in Section 2, we tested the suction pressure,
discharge pressure, and mass flow rate of RV1 and
RV2 with different mean pressures, when the rotary
valve was connected to a gas reservoir (0.5 L or 2.0 L).
Fig. 11 shows the suction pressure and discharge pre-
ssure results for RV1 and RV2. The dashed and solid
lines in Fig. 11 present the suction and discharge pre-
ssures on both sides of the RV1 and RV2, respectively.
It is worth noting in Fig. 11 that for a fixed frequency
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24+
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Fig. 11 Tested suction and discharge pressures of RV1 and
RV2 with different mean pressures and frequencies and two
gas reservoirs: (a) 0.5 L reservoir; (b) 2.0 L reservoir
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and mean pressure, RV2 (solid line) obtained a lower
high pressure (p,) and a higher low pressure (p,) than
RV1 (dashed line). As a result, the pressure difference
produced by RV2 was smaller than that produced by
RV1, proving that RV2 had a lower flow resistance.
Fig. 12 shows the test results for the mass flow
rates and leakage flow rates of RV1 and RV2. One can
see that the leakage mass flow rates of the two rotary
valves are very close. The maximum leakage mass
flow rate was about 3% of the mass flow rate for both
rotary valves. Thus, leakage loss can be neglected when
assessing exergy loss in RV1 and RV2. When these
values are used in Eq. (6), it becomes apparent that
both the pressure-change rate and volume of the gas
reservoir are linked to the tested mass flow rate.

(a) g f--0 - RV1, p,=1.4 MPa Vom05L
-0--RV1, p,=1.5 MPa
4F A RV1, p,=16MPa
3V
—~ 2F
2 —=— RV2, p,=1.4 MPa
E H —e— RV2, p,=1.5 MPa
B \Mass flow rate A= RV2;05=1:6 MPa
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0.15F
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005 1 1 1 1
¢ : ; . ; 2.8
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4 =
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g 2f
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Fig. 12 Tested mass flow rate and leakage mass flow rate for
RV1 and RV2 with two gas reservoirs: (a) 0.5 L reservoir;
(b) 2.0 L reservoir

As shown in Fig. 12a, when the 0.5 L reservoir was
connected to the rotary valves, the mass flow rate in-
creased by up to 58% (from 1.2 g/s to 1.9 g/s at 0.8 Hz)
after we replaced RV1 with RV2. For the 2.0 L reser-
voir (Fig. 12b), the mass flow rate increased by up to
26% (from 2.7 g/s to 3.4 g/s at 0.8 Hz) after RV2 was
swapped in. Therefore, the mass flow rate increased

for both gas reservoirs with RV2. The assessment of
exergy loss in RV1 and RV2 is displayed in Fig. 13.
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Fig. 13 Exergy loss in RV1 and RV2 with two gas reservoirs:
(a) 0.5 L reservoir; (b) 2.0 L reservoir

It should be noted that during the RC load test-
ing, we regarded the gas reservoir as a pure capacitive
component without consuming work (Swift, 2002).
Therefore, the exergy transferred by the compressor
was dissipated in RV1 and RV2. Fig. 13a shows that
RV2 dissipated up to 1.5 times more exergy than RV1
with the 0.5 L reservoir.

When the 2.0 L reservoir was connected to the
rotary valves, the maximum exergy dissipated by RV2
was up to 1.2 times that dissipated by RV1, as shown
in Fig. 13b. Therefore, the flow resistance in the rotary
valve can be reduced by increasing the flow area, thus
allowing more exergy to be delivered efficiently to the
cold head by the rotary valve.

4 Experimental verification of exergy analysis
upon a whole GM-PTC

Since we carried out the exergy-loss assessment
of the rotary valves at ambient temperatures, we also



verified the feasibility of the structure optimization
of RV2 in a complete GM-PTC. To validate the im-
provement brought by RV2 to the cooling perfor-
mance of GM-PTCs, we connected a separated two-
stage GM-PTC to the test platform shown in Fig. 5.
The main geometric parameters of the GM-PTC are
listed in Table 3, and a schematic diagram of the testing
system is shown in Fig. 14.

Table 3 Geometrical parameters of the two-stage GM-PTC

Component Dimension (matrix)

®60.2 mmx200.5 mm (300# mesh
screens SS304)

046.0 mmx172.0 mm

®35.0 mmx185.0 mm (50% Pb+50%
HoClu, (volume fraction))

®27.4 mmx379.0 mm
30L

1st regenerator

Ist pulse tube

2nd regenerator

2nd pulse tube

1st/2nd reservoir

The testing system monitored the suction and
discharge pressures (namely p, and p,) of the compres-
sor, and the pressure of the load at the inlet of the cold
head (p.), with the same pressure gauges shown in
Fig. 5. To calculate the output exergy of the compres-
sor, we used a flowmeter to monitor its DC mass flow
rate (Liu et al., 2017; Zhao et al., 2023). The perfor-
mance of the GM-PTC was reflected by the cooling
temperature and cooling power. Two Cernox ther-
mometers and a Lakeshore 224 were used to monitor
the cooling temperatures of the two cold heads of the
GM-PTC. Two heating resistors were attached to the
first- and second-stage cold heat exchangers to obtain
the cooling power with a Keithley 2700 multimeter.
Table 4 summarizes the information on the parame-
ters measured on the test platform for a two-stage
GM-PTC.

We tested the cooling performance of the two-
stage GM-PTC connected to RV1 or RV2 rotary valves
by using the same S603DH compressor. The mean
pressure in the GM-PTC was 1.7 MPa, the operating
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Fig. 14 Test platform of a two-stage GM-PTC: (a) schematic
diagram; (b) photograph. 7, is the cooling temperature of the
1st stage; H, is the heater of the 1st stage; H, is the heater
of the 2nd stage; MFM is the mass flowmeter

frequency of RV1 and RV2 was fixed at 1.3 Hz, and
the input electrical power of the compressor was main-
tained at 6 kW. Fig. 15a shows the temperature changes
in the second-stage cold heat exchanger during the cool-
down process of the GM-PTC when connected to an
RV1 or RV2 rotary valve.

During the entire cool-down period, the second-
stage cold heat exchanger was cooled to 2.55 K and
2.50 K with RV1 and RV2 installed, respectively. The
cooling speed of the GM-PTC from ambient tem-
perature to about 20 K was 7.2% faster with RV2
(4.18 K/min) than with RV1 (3.90 K/min). The cool-
down period for the GM-PTC with RV1 from 20 K to
4.2 K is very close to the period with RV2.

Table 4 Information on the parameters measured on the test platform of a two-stage GM-PTC

Parameter Symbol Sensor Range Uncertainty
Electric power DTSUS5886 0-13.2 kW +0.1 kW
Pressure oscillation Prs P> Pe Keller M5HB 0-5.0 MPa +5 kPa
Mass flow of compressor TELEDYNE HFM305 0-8 g/s +0.08 g/s
Cooling temperature T, Cernox CX-1050-CU-HT-1.4L 1.4-325.0K +7.1 mK (at 4.2 K)
Cooling power Keithley 2700 with a 50 Q resistance 0-18 W +5.5 mW
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Fig. 15 Comparison of the cooling performance of a two-stage
GM-PTC with an RV1 or RV2 rotary valve installed: (a)
cool-down curve; (b) cooling power

Fig. 15b shows that the cooling power changes
with temperature when using RV1 or RV2 with the
GM-PTC. The cooling power of the GM-PTC at 4.2 K
was 0.67 W and 0.78 W with RV1 and RV2, respec-
tively, indicating an improvement of 16.4% in cooling
efficiency when using RV2 instead of RV1.

Fig. 16 shows the suction pressure, discharge pres-
sure, and DC mass flow rate of the compressor with
different cooling temperatures, using either RV1 or RV2.
It can be seen from the figure that the installation of
the RV2 rotary valve significantly reduced the differ-
ence between suction and discharge pressures and
raised the suction pressure, leading to an increased DC
mass flow rate of the compressor.

To reveal the alternating flow characteristics in
RV1 and RV2, the pressure variations in the high-
pressure chamber (p,) and low-pressure chamber (p,)
and at the cold head (p.) in one cycle, with a cooling
temperature of 4.2 K, are displayed in Fig. 17. Com-
pared to RV1, there was a smaller difference between

p (MPa)
m (g/s)

Fig. 16 Mass flow rate versus suction and discharge pressures
with different cooling temperatures of the 2nd stage

2:2

s

08} B

0 90

1 1 1 1 1 1
180 270 360 450 540 630 720
Phase angle (°)

Fig. 17 Pressure variations in both rotary valves (RV1 and
RV2) at a cooling temperature of 4.2 K (dashed lines: RV1;
solid lines: RV2)

the p, and max p, as well as between min p, and p,,
during one cycle when RV2 was used. The reduction
of the pressure difference indicates lower flow resis-
tance in the rotary valve, which corresponds to higher
efficiency (by 16%) of the GM-PTC. As a result, in-
creasing the flow area helps to lower the exergy loss
generated in the rotary valve and produces better per-
formance for the GM-PTC at liquid helium tempera-
tures. However, it was difficult to assess the exergy
loss test in the cold head since the amplitude and phase
relationships between the alternating mass flow rate
and pressure were hard to monitor without the addi-
tion of numerical simulation.

5 Conclusions

To improve the cooling efficiency of GM-PTCs
at 4.2 K, we conducted structural optimization of the



rotary valve by assessing the exergy loss, and verified
the optimization by experimental testing. We used an
experimental test method to assess the exergy loss
(consisting of leakage loss and viscosity loss) in the
rotary valve and conducted it on two experimental
platforms. The results show that the leakage loss is
less than 2.5% of the total exergy loss and the viscosity
loss accounts for more than 97.5% of the total exergy
loss, indicating that reduction of flow resistance in the
rotary valve is essential to lower exergy loss. With the
help of the exergy-loss assessment results, we chose
an optimized rotary valve (RV2) with 1.5 times the flow
area of the original one (RV1) to analyze the exergy
loss. The maximum exergy transferred from the com-
pressor to the load side by RV2 is 1.5 times that trans-
ferred by RV1. Finally, we conducted a test of the
cooling performance of a remote two-stage GM-PTC
which had either the optimized rotary valve (RV2) or
the original one (RV1) installed, to further validate the
exergy-loss assessment of the rotary valves. The re-
sults show that when the input power of the compres-
sor is 6 kW, the GM-PTC provides a cooling power
of 0.78 W at 4.2 K when replacing RV1 with RV2,
which leads to an improvement of 16.4% in the cool-
ing efficiency of the GM-PTC.
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