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Abstract: This study presents a novel roller piston pump, in which a cam guide-roller type rolling support is adopted to replace
the sliding pair support of the swash plate-slipper pair to achieve the oil suction and discharge of the piston cavity. In addition,
the shaft distribution is used to replace the original valve plate distribution and the driving shaft is used as the distribution shaft
to remove the valve plate structure, which greatly simplifies the design of the axial piston pump. Such a configuration largely
reduces the number of sliding friction pairs of the pump, and avoids the influence of the sliding friction pair on it under high-speed
and variable-speed conditions. Firstly, mathematical models of the mechanical and volumetric efficiencies of the roller pump are
deduced respectively through force analysis and the compressibility equation. Based on the numerical simulation of MATLAB
and AMESim, the effects of load pressure and rotational speed on mechanical and volumetric efficiencies are studied respectively,
and it is verified that the roller pump has no structural flow pulsation. The prototype pump is then designed and built, along with
a special test rig. The outlet pressure, outlet flow, and torque of the pump under different load pressures and rotational speeds
are measured, and the mechanical and volumetric efficiencies of the prototype pump under various load pressures and rotational
speeds are obtained. The experimental results are in good agreement with the simulated analysis. When the load pressure is 8 MPa
and the speed is 5000 r/min, the mechanical and the volumetric efficiencies are 85.5% and 96.8%, respectively. When the speed
is increased to 10000 r/min, the mechanical and the volumetric efficiencies are 66.7% and 95.6%, respectively. The experimental
results show that the proposed roller piston pump has excellent efficiency under wide-speed and high-speed conditions and can
be a potential solution as a fuel pump in aerospace fuel systems.
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1 Introduction

The fuel pump is a crucial component of an aero-
space fuel system. Its role is to deliver fuel with a cer-
tain pressure and flow to the engine and fuel system
(Singh et al., 2015; Li et al., 2016; Jiao et al., 2017; Lu
et al., 2022). Due to its compact structure, high pres-
sure, and high speed, the axial piston pump effectively
meets the urgent demand for high power density of
the fuel pump and has been widely used in the aero-
space industry (Chao et al., 2019a; Guo et al., 2020).

The cylinder/valve plate friction pair, the piston/
cylinder friction pair, and the slipper/swash plate fric-
tion pair are three pairs of essential sliding friction pairs
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for the axial piston pump. The three friction pairs are
the main parts that may produce leakage and friction
loss; their working performance directly affects the
working efficiency of the piston pump. Compared with
their industrial counterparts, aerospace piston pumps
generally require higher power density, higher speed,
and smaller pressure pulsation (Ye et al., 2018, 2021).
In addition, the increase of the working pressure of the
axial piston pump is restricted by the “ceiling effect” of
the pv (the product of fluid pressure p and velocity v
in MPa-m/s) value. Also, it is relatively easy to increase
the power density by increasing the rotational speed.
Combining these two factors, increasing rotational
speed has become a practical breakthrough for increas-
ing the power density of the axial piston pump. Further-
more, the working fluid of the fuel pump is aviation
kerosene, whose viscosity is lower than that of ordi-
nary hydraulic oil. The harsh working conditions of low
viscosity and high rotational speed will inevitably lead
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to aggravation of friction and wear, which further in-
creases the difficulty of maintaining the oil film between
the friction pairs. Therefore, how to reduce the friction
loss and leakage loss of the friction pair is the primary
concern in the design of high-performance fuel pumps.

In addition, with the development of motor fre-
quency conversion speed regulation technology, the
mobile hydraulic industry has entered the era of elec-
trification marked by variable-speed flow regulation;
the same thing has happened in the aerospace field (Li
et al., 2019; Wang et al., 2020). The speed and input
torque of the motor can be managed on demand through
the variable frequency drive to achieve energy saving
(Hu et al., 2015; Huang et al., 2018; Jin et al., 2019).
Thus, how to maintain high working performance under
the conditions of variable pressure, variable speed, and
frequent start-up with load is another issue faced in
the design of high-performance fuel pumps.

The above indicates that high-speed and variable-
speed conditions bring a series of challenges and prob-
lems to the sliding friction pair of the axial piston pump.
There has been much research aimed at improving the
performance of the sliding—sliding friction pair under
high-speed and variable-speed conditions. Hooke and
Li (1989) and Koc et al. (1992) established a non-
continuous measurement device for the slipper pair oil
film, and the results showed that the slipper is easily
overturned toward the low-pressure side. By establish-
ing the fluid-thermo-solid coupling model of the fric-
tion pair, Ivantysynova and Lassar (2004) and Pelosi
and Ivantysynova (2012) obtained the distribution of
temperature and pressure in the oil film at the friction
pair at different speeds. Manring et al. (2014) pointed
out that the high-speed slipper wears and overturns the
most in the zone of transition between high and low
pressures. Based on the lumped parameter method,
Tang et al. (2018) established an analysis model of the
bearing capacity of the slipper pair of the aviation axial
piston pump under high-speed and high-pressure con-
ditions. Through theory and experiments, it was con-
cluded that the slipper radius should be 1.4—1.8 mm,
and the orifice length diameter ratio should be 4-5,
which gives optimum performance of the slipper. Zhang
et al. (2017), Chao et al. (2018, 2019b), and Xia et al.
(2019) conducted experimental research on the mo-
tion state of the slipper at different speeds and found
that its spin has a significant impact on the axial pis-
ton pump’s dynamic and lubrication characteristics.
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Chao et al. (2022) also proposed a new integrated slip-
per retainer mechanism for high-speed axial piston
pumps to eliminate slipper wear under severe working
conditions. Zhang et al. (2019) pointed out that the
effects of the splined shaft bending rigidity on the cyl-
inder tilt behavior in an electro-hydraulic actuator
(EHA) pump need to be considered. They showed that
the design of the cylinder/valve plate interface and the
spline shaft can improve the efficiency and power den-
sity of the pump. Through different experiments, Zhao
et al. (2021) confirmed that structural optimization, sur-
face forming, and surface strengthening methods can
improve the bearing capacity and anti-wear ability of
the cylinder block/valve plate interface under harsh
conditions. Chen et al. (2019) established a multi-
scale textured cylinder/valve plate interface optimiza-
tion model for axial piston pumps; athletic-track-shaped
and water-drop-shaped dimples are found to reduce
the friction torque and leakage by 8.2% and 9.9% on
average, respectively. Changing the surface microstruc-
ture of the friction pair can improve pressure distribu-
tion and reduce wear. Rizzo et al. (2015, 2016) pro-
posed nano-coating on the slipper pair, and Schuhler
et al. (2018) recommended a diamond coating. Both of
those can improve the anti-friction ability of slipper
pairs under high-speed and high-pressure conditions.
To fulfill the requirements of high-speed, variable-
speed, and frequent load-starting in the aerospace fuel
pump, a novel roller piston pump is proposed in this
study. Compared with the traditional axial piston pump,
this novel roller piston pump adopts a cam guide-roller
type rolling support to replace the sliding pair support
of the swash plate-slipper pair to realize the oil suction
and discharge of the piston cavity. In addition, shaft
distribution is used to replace the original valve plate
distribution, and the driving shaft is used as the distri-
bution shaft to avoid the valve plate structure, which
greatly simplifies the structure and design of the axial
piston pump. Such a configuration greatly reduces the
number of sliding friction pairs of the pump and avoids
the influence of the sliding friction pair on the piston
pump under high-speed and variable-speed conditions.
The rest of this paper is organized as follows: in
Section 2, the configuration and working principle of
the novel roller piston pump is introduced; in Section 3,
the force analysis and leakage analysis of the roller
pump are carried out and the mathematical model of the
mechanical and volumetric efficiencies of the roller
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pump is established; in Section 4, the effects of load
pressure and rotational speed on mechanical and volu-
metric efficiencies are explored based on MATLAB and
AMESim; in Section 5, a prototype pump is designed
and machined and its mechanical and volumetric effi-
ciencies under different load pressures and speeds are
tested with a special test rig. The experiment results
are compared with simulated analysis. Finally, some
conclusions on this study are drawn in Section 6.

2 Configuration and working principle

The pump core of the roller piston pump is mainly
composed of a distribution shaft, guide rail, piston, and
cylinder block, as shown in Fig. 1. The shape of the
distribution shaft is cylindrical. There are four through-
hole distribution channels evenly distributed in the cir-
cumferential direction inside the distribution shaft,
and there are eight rectangular distribution windows
machined on the outer side wall. The distribution win-
dow communicates with the distribution channel to
realize the flow distribution function. The two large
windows on the left side of the distribution shaft are
oil-inlet distribution windows, which communicate with
two small windows on the right. The two small win-
dows on the left are high-pressure distribution win-
dows, which communicate with two large windows on
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the right. One end face of the guide rail is a space cam
curved surface designed based on the motion law of
equal acceleration and deceleration. Eight pistons are
installed around the outer surface of the guide rail,
and are evenly distributed in the circumferential direc-
tion. The installation phase difference between two
adjacent pistons is 45°. Similarly, the oil suction and
discharge law and movement law between the two
adjacent pistons also differ by 45°. Two cylinder blocks
are arranged on each side of the pistons and the guide
rail, and the inner wall of the cylinder block is provided
with oil holes communicating with the piston cavity.
The cylinder block, piston, and plug are assembled to
form a closed cavity.

The roller piston pump adopts a cam guide-roller
type rolling support to replace the sliding pair support
of the swash plate-slipper pair to realize the oil suc-
tion and discharge of the piston cavity. In addition, the
shaft distribution is used to replace the original valve
plate distribution and the driving shaft is used as the
distribution shaft. This greatly simplifies the design of
the axial piston pump. Such a configuration greatly
reduces the number of sliding friction pairs of the axial
piston pump, so as to avoid the influence of the slid-
ing friction pair on the piston pump under high-speed
and variable-speed conditions. Furthermore, the pump
has a symmetrical design in structure, and the two pis-
tons with a difference of 90° in the installation phase

Roller

Oil suction
cavity

Cylinder block

Fig. 1 Schematic diagram of the structure of the roller piston pump



always keep the reverse reciprocating motion under the
constraint of the guide rail, so as to achieve balance
of the axial inertial force. Similarly, the flow phases
corresponding to the two pistons that differ by 45° in
the circumferential direction are also different by 45°
to eliminate structural flow pulsation.

Fig. 2 illustrates the working principle of the roller
piston pump in detail. The red marked area represents

Piston A N

— Cylinder N
Qil hole
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high pressure oil, and the blue marked area represents
low pressure oil. During the working process, the
motor rotates the distribution shaft and the pistons per-
form linear reciprocating motion under the constraint
of the cylinder block and the guide rail. Then, the vol-
ume of the closed cavity changes periodically, so as to
achieve the suction and discharge of oil. Taking piston
A as an example, the changing law of oil suction and

Piston A

Piston A

Fig. 2 Working principle of the roller piston pump with rotational angles: (a) 0°; (b) 45°; (c) 90°; (d) 135°. References to

color refer to the online version of this figure
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discharge and the communication change law of the
distribution window when the left and right cavities
are at different rotational angles are shown in Fig. 2.
Taking Fig. 2a as the initial position, the rotational
angle of the roller pump is 0° at this time, and piston
A is at the far right end of the stroke. At that time, the
volume of the left cavity is the largest, and the volume
of the right cavity is the smallest. The oil holes corre-
sponding to the left and right cavities do not commu-
nicate with the distribution window at all. During the
evolution from Fig. 2a to Fig. 2b, the distribution shaft
rotates from 0° to 45°, and the piston moves straight
to the left axis with constant acceleration. The oil holes
corresponding to the left and right cavities of the pis-
ton start to communicate with the distribution window
respectively until they are completely communicated.
The left cavity begins to discharge oil, and its volume
begins to decrease. The right cavity begins to suck oil,
and its volume begins to increase. When the distribution
shaft rotates to 45°, the volumes of the left and right
cavities of the piston are equal, as shown in Fig. 2b.
During the evolution from Fig. 2b to Fig. 2c, the distri-
bution shaft rotates from 45° to 90°, and piston A moves
straight to the left axis with constant deceleration. The oil
holes corresponding to the left and right cavities of the
piston and the distribution window decrease gradually
from complete communication to non-communication.
The left cavity continues to discharge oil, and its vol-
ume continues to decrease. The right cavity continues
to suck oil, and its volume continues to increase. When
the distribution shaft rotates to 90°, as shown in Fig. 2c,
the oil hole corresponding to the piston is completely
disconnected from the distribution window, and the
volume of the left cavity of the pump reaches the min-
imum and the volume of the right cavity reaches the
maximum. During the evolution from Fig. 2c to Fig. 2d,
the distribution shaft rotates from 90° to 135°, and pis-
ton A moves straight to the right with constant acceler-
ation. The oil holes corresponding to the left and right
cavities of piston A begin to communicate with the
distribution window until they are completely commu-
nicated. The left cavity begins to suck oil, and its vol-
ume begins to increase. The right cavity begins to dis-
charge oil and its volume begins to decrease. When the
distribution shaft rotates to 135°, as shown in Fig. 2d,
the volumes of the left and right cavities of the piston
are equal. When the distribution shaft rotates from 135°
to 180°, the piston moves straight to the right with

constant deceleration. Its left cavity continues to suck
oil, and its right cavity continues to discharge oil. When
the distribution shaft rotates to 180°, it is consistent
with the 0° state, as shown in Fig. 2a. At this time, the
left cavity of the piston has completed absorbing oil and
is about to start discharging oil, while the right cavity
has completed discharging oil and is about to start suck-
ing oil. During the rotation from 0° to 180°, a single
piston completes two complete phases of oil suction and
discharge. Therefore, when the distribution shaft rotates
one cycle, a single piston completes four phases of oil
suction and discharge, and the roller piston pump com-
pletes 32 phases of oil suction and discharge.

3 Mathematical model
3.1 Mechanical efficiency

Motion of the pistons in the roller piston pump is
the main source of mechanical loss. It is known that
the motion law of the two pistons whose installation
phases differ by 45° also differs by 45°, so it is only
necessary to analyze the force law of piston A through
one cycle. Taking piston A at the rightmost position as
the initial position of 0°, the volume of its left cavity
is the largest and the volume of its right cavity is the
smallest at this time.

First, the motion law of piston A can be expressed

by Egs. (1)-(3):
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where / is the displacement of piston A, v is the speed
of its axial movement, ¢ is the time to rotate a certain
angle from 0°, n is the rotational speed of the guide
rail, and a is its acceleration of the axial movement.

As the distribution shaft rotates from 0° to 45°,
piston A moves straight to the left with constant accel-
eration. The force analysis is shown in Fig. 3. F| is
the thrust of the high-pressure cavity to piston A; F,
and F, are the oil shearing forces between the piston
and the cylinder block; F, is the resistance when it
moves axially; F, and F, are the support force and fric-
tion force of the guide rail, respectively; F,, and F, are
the support force and friction force of the guide rail
on the axial direction of the piston, respectively; @ is
the pressure angle of the movement between the cylin-
drical roller and the guide rail.

Cylinder block <
\

Fig. 3 Schematic diagram of the force of piston A when
rotation is from 0° to 45°

Based on Newton’s second law, the force bal-
anced equation can be expressed as

ma:st_fo_Fp_Fp]_ (Fsh]+Fsh2)’ (4)

where m is the mass of the piston.

The thrust F, of the high-pressure cavity to pis-
ton A, the resultant oil shearing force F, between the
piston and the cylinder block, and the resistance £, of
its axial movement can be expressed as

F,=p.4, Q)
v
Fsh:Fshl+Fsh2:/un‘D(Ll+L2)?la (6)
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where p, is the instantaneous pressure in the left cavity
of the piston, v, is the axial movement speed of the
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piston A, A4 is the cross-sectional area of the left piston
rod, and u is the dynamic viscosity of the oil. D is the
diameter of the piston rod, L, is the contact length of
the left piston rod and the cylinder block, and Z, is the
contact length of the right piston rod and the cylinder
block. J is the width of clearance, p is the oil density,
0, is the clearance between the side of the piston and
the distribution shaft, S, is the cross-sectional area of
the piston on the left side of the guide rail, and S, is the
cross-sectional area of the piston on the right side of
the guide rail. Further, S, is the contact area between
the side surface of the piston and the cylinder block.
The callouts have been represented in Fig. 4.

Cylinder block
AN L Piston A

Distribution

Fig. 4 Torque diagram of roller piston pump

To obtain the force of the guide rail to piston A,
the contact between the guide rail and piston A is ana-
lyzed. As shown in Fig. 3, the piston is subjected to a
supporting force F, perpendicular to the contact line
between the cylindrical roller and the guide rail, and
F_ is the supporting force in the axial direction. Due to
the existence of rolling friction, the cylindrical roller
is also subjected to a friction force F; along the tan-
gential direction, and F, is the component force in the
axial direction. F and F, can be represented by:

F, =F, -cos, ®)
Fy=F- u;-sin0, ©)

where u, is the coefficient of rolling friction, and the
pressure angle @ can be expressed by:

30v,

f=arctan ( TR

), (10)

where R is the radius of the guide rail.
According to the above equations, F, can be ob-
tained as
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ma+F, +F, +F,

F.= . (11)
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Therefore, when the guide rail rotates from 0° to
45°, the torque of the guide rail to piston A can be
expressed as

T,=F/(sin0+u,cosd)-R. (12)

When the guide rail rotates from 45° to 90°, the
combined force of F,, F,, and F, decelerates piston
A. The force analysis of piston A is consistent with
that when the guide rail rotates from 0° to 45°, and the
difference is that the acceleration at Eq. (1) becomes a
negative value, which means that the acceleration direc-
tion is to the right. However, when the pressure in the
left cavity is too low, the hydraulic pressure and vis-
cous resistance are not enough to force the piston to
decelerate at a constant acceleration. The force balance
equation and F at this time can be expressed as

_ma:_st_fo_Fp_Fpl_(Fshl+Fsh2)7 (13)
-ma+F +F,+F,

F.= —cosO+p,sinf - (14

When the distribution shaft rotates at 90°—135°,
the force of the guide rail on piston A is the same as that
with the rotation of 0°—45°, but the movement direc-
tion and acceleration direction are opposite to those
with the rotation of 0°-45°. Similarly, when the guide
rail rotates from 90° to 135°, the force of the piston can
also be expressed by Eq. (9).

It is known that 7, is expressed as the torque of
the guide rail to the piston A. In addition, due to the rota-
tional movement of the distribution shaft and the guide
rail, the roller piston pump is also affected by two resis-
tance moments during operation, as shown in Fig. 4.
One is the shear resistance torque 7, caused by the gap
between the distribution shaft and the cylinder block,
and the other is the churning loss torque 7, caused by
the rotation of the guide rail group in the closed cavity.

T can be represented as

D, D,
600 27 (15)

T,=punD,x2(Li+L,+Ls) -

where L,, L,, and L, are the contact lengths between
the cylinder block and distribution shaft at various

positions, and D, is the diameter of the distribution
shaft, as shown in Fig. 4.

Another drag torque is the churning loss torque due
to the rotation of the cam guide. The churning loss
torque 7, of the cam guide rail at different speeds is
obtained through computational fluid dynamics (CFD)
numerical simulation (Huang et al., 2020a), as shown
in Fig. 5. Then, the mathematical model of 7. can be
obtained by fitting, and is expressed by

T.=7.964x 107" n?+2.153x 10°- n+5.473 x 10,
(16)

--@- Numerical simulation data

—— Mathematical model data

Churning torque (N-m)

2 4 6 8 10
Rotational speed (x10° r/min)

Fig. 5 Churning loss torque of guide rail at different speeds

Finally, these torques are added to obtain the
input torque 7 from 0° to 90° for the roller piston pump
to rotate:

T=4T,+4T,+T+T., (17)
where 7, is the input torque for piston A to rotate
from 45° to 90°.

The mechanical efficiency of the roller piston
pump is obtained by comparing the theoretical input
torque with the total input torque. It is known that the
theoretical input torque of the pump is the ratio of the
product of the load pressure and the displacement to
2n. However, the torques T, and T, that drive the
motion components to rotate are not fixed values. Since
each piston completes one oil suction and discharge
cycle when the pump rotates 90°, it is reasonable to
calculate the average torque within 90° to evaluate the
mechanical efficiency. Consequently, Eq. (18) can be
used to express the mechanical efficiency 7, of the
roller piston pump.
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where t,,. is the amount of time needed for the moving
parts to rotate from 0° to 90°, P is the load pressure,
and ¥}, is the pump’s displacement.

3.2 Volumetric efficiency

Volumetric efficiency is a crucial characteristic
index to use when assessing the roller piston pump’s
power density. Consistent with the mechanical effi-
ciency analysis, the volumetric efficiency is modeled
using the left cavity of piston A as an example. The
initial position is when the volume of the left cavity is
the largest. At that time, the left cavity of the piston
finishes oil suction and is ready to start oil discharge.
Based on the oil’s compressibility, the instantaneous
pressure changes in the left cavity of piston A can be
expressed as:

dv,
%_ dt +Q0+Qi+QLL

dt =5 v, ’

19)

where f. is the elastic modulus of the oil, Q, is the left
cavity’s output flow, Q, is its input flow, Q,, is the
leakage from the left cavity, and V| is the left cavity’s
immediate volume.

Piston A’s location determines the immediate
volume of the left cavity, and its movement speed is
expressed as Eq. (2). It moves axially to the left and
experiences constant acceleration as the guide rail
rotates from 0° to 45°; its acceleration is shown in
Eq. (3). As aresult, V; can be expressed as

1 5 15
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(20)
where ¥ is the maximum volume of the left cavity.
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Taking the derivation of Eq. (20), we get:
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The inlet flow and outlet flow of the left cavity
of piston A can be expressed as:

2|pr=po|
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where C, is the flow coefficient, 4,, and 4, are the
communication areas between the distribution cylin-
der and the suction and discharge ports, respectively,
and p, is the tank pressure.

According to the roller piston pump’s working
principle, the oil suction communication area A4, and

the oil discharge communication area A4,, can be ex-
pressed as
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where L, is the width of the oil suction and discharge
window on the discharge shatft.

As shown in Fig. 6, the leakage O, mainly includes
external leakage O, and internal leakage Q,; in the
roller piston pump. The external leakage Q,, includes
the outward leakage Q,,, of the high-pressure cavity oil
through the gap between the piston rod’s outer wall
and the cylinder block’s inner wall, and the outward
leakage Q, ,, from the clearance between the outer wall
of the cylinder block and the outer wall of the distri-
bution shaft. The internal leakage Q,; includes the axial
internal leakage Q,;, produced by the clearance between
the outer wall of the distribution shaft and the inner
wall of the cylinder block, and the circumferential
internal leakage Q,,, caused by the clearance between
the distribution shaft’s outer wall and the cylinder
block’s inner wall.

Cylinder block v

Piston A
High Low
pressure pressure
cavity Qo & cavity
v Distribution shaft
Low [ Mot High
pressure pressure
cavity cavity
QLoZ QLoz

Fig. 6 Schematic diagram of leakage with rotations of: (a)
0°-90°; (b) 90°-180°

The flow due to the existence of pressure differ-
ence is called Poiseuille flow, the flow due to the exis-
tence of relative motion is called Couette flow, and the
superposition of the two is called Couette-Poiseuille
flow. Q,,, is caused by Couette-Poiseuille flow, and
0, ., 1s caused by Poiseuille flow. Therefore, 0, , and
0,., can be expressed as

QLo] = QLo]l - QLOIZ’

Ap 1d ndo
Oion= llz)/ltLl 0, Oronn= B Vi, (25)

— AprsnDl 3 i i
0= L+ L) e

where Ap, is the difference in pressure between the
high-pressure cavity and the ambient pressure, and d
is the diameter of the piston rod. As shown in Fig. 6,
L, is the contact length between the piston rod and the
left cylinder block, L, is the contact length between

the distribution shaft and the outermost end of the left
cylinder block, and L is the contact length between the
distribution shaft and the innermost end of the right
cylinder block.

L, can be expressed as

1 15
L.+ 2at, te (O, 2n}’
L. +a 15)z—la(ls—t)2 te(ls E—

meS\2n) 27\ n ’ 2n” n |
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1 ( 30)2 (45 30
Lmin+7a r—— s te S B

2 n n-n |

(27)

where L, is the shortest distance between the piston
rod and the left cylinder block.
0., can be expressed as

_Apanl 3
QLil 12/1[,6 0 5

(28)
where Ap, is the difference in pressure between the low-
pressure annular flow channel and the high-pressure
cavity of the piston, and L is the distance between the
high-pressure cavity and the low-pressure annular flow
channel.

As shown in Fig. 7, when the distribution shaft
is rotating, there is a circumferential internal leakage
0,, between the inner wall of the cylinder block and
the outer wall of the distribution shaft. The red mark
in the figure represents high-pressure oil, and the blue
mark represents low-pressure oil. The contact length L,
between the distribution shaft and the cylinder block
changes as the rotational angle changes, which can be
expressed as

nn D,
43025

mOI5 ) (15 1S
30 2 \2n ’ 4n’ 2n |
D 15\ (15 45
30 2 2n )’ 2n’ 4n |

w15 ) (815
30 2 \ n ’ 4n’ n |




Fig. 7 Schematic diagram of the contact length between
the distribution shaft and the cylinder block with rotations
of: (a) 0°; (b) 22.5°; (c) 45°. References to color refer to
the online version of this figure

It can be seen from Fig. 7 that Q,, enters the oil
suction cavity from the oil discharge cavity via the
clearance between the cylinder block and the distribu-
tion shaft in the circumferential direction. When the
guide rail rotates 22.5°, as shown in Fig. 7b, the oil
passages of the suction and discharge cavities commu-
nicate with the distribution window, and the gap leak-
age model can represent the leakage at this time. When
the guide rail rotates 0° and 45°, as shown in Figs. 7a
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and 7c, half of the oil passage holes in the suction and
discharge oil cavities communicate with the distribu-
tion window, and half do not. Leakages without com-
munication can be represented by the pinhole leakage
model. Therefore, Q,,, can be expressed as

- .
Lg. lzﬂLré(pL_pT)» ]<k’

Qm: 2| _ |
5C,L, /% sign(p,—pr). J=k

| I o
]_Lg 12,“L[5 (pL pT)

B

2 p —
k= 6C, L, 2lp=pil) (30)
p
The total leakage Q,, can be expressed as
O11=80,,+80,,+80; + O1in- 3 1)

When the roller piston pump rotates 90°, the total
discharge flow Q_; is obtained by integrating the outlet
flow and the volumetric efficiency of the roller piston
pump 7, can be calculated by comparing it to the theo-
retical discharge flow:

toge
f Q oT
0

C teenVy

Ny (32)

4 Simulation results and discussion

Based on the theoretical models listed above, the
effects of rotational speed and load pressure on the
mechanical efficiency and volumetric efficiency of the
pump were studied, respectively. The simulation param-
eter settings are detailed in Table S1 of the electronic
supplementary materials (ESM).

4.1 Mechanical efficiency

To analyze the input torque of the pump, the instal-
lation phases of 0°, 90°, 180°, and 270° pistons are
combined into one group, which is recorded as group
I. The installation phases of 45°, 135°, 225°, and 315°
pistons are combined into another group, which is
recorded as group II. Then superimposing the input
torque of group I pistons and group II pistons, each
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time when the roller piston pump rotates to 45°, there
will be a sudden change in torque, as shown in Fig. 8.
The magnitude of the sudden change in torque increases
with the increase of rotational speed. However, the sud-
den value of torque does not change with the change
of load pressure.
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Fig. 8 Input torque 7 of roller piston pump at different
speeds and load pressures: (a) different rotational speeds
when the load pressure is 8 MPa; (b) different load pressures
when the rotational speed is 8000 r/min

Since 7. and T, of the roller piston pump increase
with the increase of the rotational speed n, the mechani-
cal efficiency of the pump 7,, decreases with the increase
of the rotational speed. In addition, the increase in
rotational speed also leads to an increase in inertial
force, resulting in an increase in mechanical losses due
to rolling friction. When the load pressure kept con-
stant, 7,, decreases as the rotational speed increases.
Furthermore, the greater the load pressure is, the less
the mechanical efficiency decreases with increasing
rotational speed. Since the pump has a certain initial

torque, when there is no load pressure, the pump has to
overcome the shearing force, churning loss, and rolling
friction resistance. When the load pressure is low, the
effect of the initial torque on the mechanical efficiency
is obvious, however, as the load pressure increases,
the effect of the initial torque gradually decreases. It
is also shown in Fig. 9 that when the rotational speed
is constant, the mechanical efficiency rises with the
increase of the load pressure. In general, the mechani-
cal efficiency of the roller piston pump decreases with
the increasing rotational speed and increases with the
increasing load pressure.
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Fig. 9 Simulation results of mechanical efficiency at different
speeds and load pressures

4.2 Volumetric efficiency

As shown in Fig. 10, a simulation model is built
based on AMESim to explore the volumetric efficiency
of the roller piston pump 7,. The sub-model of each pis-
ton is created through the super element, which includes
the piston motion model and the piston cavity oil suc-
tion and discharge model, as shown in Fig. 10b. The
circumferential leakage model Q,,, inside the pump
includes the leakage of the small hole and the gap leak-
age. The orifice with fixed opening is used to simulate
the leakage of the small hole, and the equivalent plate
leakage is used to simulate the gap leakage, as shown
in Fig. 10c.

Fig. 11 shows the flow curves of piston A at dif-
ferent rotational speeds and load pressures. It can be
seen in Fig. 11a that when the load pressure is 8 MPa,
the output flow increases linearly with the increase in
rotational speed, and the peak value of the backflow
increases with the increase in rotational speed. Due to
the difference in rotational speed, the angular range of
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Fig. 10 AMESim models of roller piston pump: (a) hydraulic system model; (b) sub-model of piston A; (c) sub-model of O, ,

the backflow increases with the increase of rotational
speed, but it is not obvious. Backflow occurs when
the working cavity just communicates with the oil dis-
charge port. At that moment, the pressure outside the
cavity is consistent with the load pressure, and the
pressure inside the cavity is less than the outside pres-
sure. The instantaneous pressure difference causes the
oil to flow into the working cavity, thereby helping the
working cavity to build up pressure. Then the working
cavity reduces the volume of the cavity and increases

the pressure in the cavity, so that the oil is discharged
from the cavity to the outside of the cavity. When the
rotational speed is constant, the instantaneous pressure
difference between the inside and outside of the oil dis-
charge cavity increases as the load pressure increases.
At that time, the backflow of the oil discharge work-
ing cavity also increases, as shown in Fig. 11b. Also,
there is a small abrupt change at 0°, 45°, 90°, and 135°,
which is caused by Q,;, from the pump. Detailed analy-
sis of the leakage is in the ESM.
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Fig. 11 Output flow of roller piston pump at different speeds
and load pressures: (a) different rotational speeds when
load pressure is 8 MPa; (b) different load pressures when
rotational speed is 8000 r/min

The impact of rotational speed and load pressure
on the roller piston pump’s volumetric efficiency is
depicted in Fig. 12. Different symbols represent different
rotational speeds. When the rotational speed is constant,
the volumetric efficiency decreases with the increase
of load pressure due to the increase of backflow and
leakage. When the load pressure remains constant, the
required amount of backflow is constant, and the volu-
metric efficiency rises as the rotational speed increases.

5 Experimental study

In order to verify that the roller piston pump has
high mechanical efficiency and volumetric efficiency,
the principle prototype of the roller piston pump is
fabricated, as shown in Fig. 13, and its structural pa-
rameters are shown in Table 1.
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Fig. 12 Simulation results of volumetric efficiency at different
speeds and load pressures

Fig. 13 Prototype of the roller piston pump

Table 1 Crucial structural parameters of the prototype
pump

Parameter Value
Diameter of distribution shaft (m) 2.5x107
Diameter of piston rod (m) 6.25%x107°
Diameter of guide rail (m) 4.2x107
Stroke of piston (m) 4x107
Displacement (L/r) 3.925x107
Scale (mm>xmmxmm) 145x88x88
Weight (kg) 2.22

Fig. 14a is a schematic diagram of the experimen-
tal system. A special test bench was built to test the
outlet pressure, outlet flow, and instantaneous torque
of the prototype pump at various rotational speeds and
load pressures, as shown in Fig. 14b. A torque-speed
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Fig. 14 Schematic and physical diagrams of the test bench: (a) system schematic of the test bench; (b) overall physical

diagrams of the test bench

sensor was installed between the prototype pump and
the driving motor to measure the input torque and input
speed of the motor. To ensure sufficient oil absorption
of the prototype pump, an oil supply pump was pro-
vided. In addition, pressure sensors were installed at the
prototype pump’s inlet and outlet to obtain the oil pres-
sure at the inlet and outlet. Adjustment of the pressure
was realized through the relief valve, and a flow meter
was also installed downstream of the relief valve to
monitor the output flow of the prototype pump. Finally,
the data obtained by the test was displayed on the com-
puter through the data acquisition device.

To obtain the mechanical efficiency and volumetric
efficiency of the roller piston pump, the outlet pressure

of the roller piston pump, the flow rate, and the instan-
taneous torque under different load pressures and speeds
were measured by the test bench, as shown in Fig. 15.
First, Fig. 15a shows the load pressure applied on the
roller piston pump measured by the pressure sensor,
Fig. 15b is the outlet flow of the roller piston pump at
different load pressures and speeds, and Fig. 15¢ rep-
resents the torque of the roller piston pump during
the process of adding load pressure measured by the
torque sensor. Due to the accuracy of the pressure sen-
sor and torque sensor, there are small fluctuations in
the experimental data in Figs. 15a and 15c¢ but it is
reasonable to take the average torque within the same
rotation time.
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Fig. 15 Experimental data: (a) outlet pressure; (b) outlet
flow; (c) instantaneous torque

The experimental results of the mechanical effi-
ciency of the roller piston pump are shown in Fig. 16.
The outcomes of the mathematical model agree with the
experimental results of the prototype pump. As shown
in Figs. 16a and 16b, when the rotational speed is con-
stant, the mechanical efficiency rises with the increase of

the load pressure. However, as shown in Figs. 16¢ and
16d, when the load pressure is constant, the mechanical
efficiency decreases as the rotational speed increases.
In addition, due to the machining accuracy of the roller
piston pump and the stifthess of the material, the dif-
ference between the simulation results and the experi-
mental results is around 10%, and the difference rises
with the increase of speed and load pressure. When the
load pressure is 8 MPa and the speed is 3000 r/min,
the mechanical efficiency is 91.7%, and when the speed
rises to 10000 r/min, the mechanical efficiency can
still be maintained at 66.7%. Compared with the tradi-
tional axial piston pump, the experimental data of the
roller piston pump confirms its good mechanical effi-
ciency in wide-speed and high-speed conditions.

In addition, when the load pressure is constant, it
can be found that the difference between the simula-
tion results and the experimental results increases with
the increase of the rotational speed. When the rota-
tional speed increases above 8000 r/min, the difference
exceeds 10%. This may be because that as the speed
increases, the cylindrical roller rotates too fast, which
causes it not to roll normally. To verify that conjecture,
the simulation results under different friction coeffi-
cients are compared with the experimental results,
as shown in Fig. 17. When the friction coefficient in-
creases, the simulation results of the mechanical effi-
ciency clearly decrease, and there is an intersection with
the experimental results. It can be inferred that when
the speed of the pump exceeds 9000 r/min, the coeffi-
cient of friction is already as high as 0.04. It is known
that the diameter ratio of the guide rail to the cylindrical
roller is 6:1, and the rotational speed of the cylindrical
roller is as high as 54000 r/min. Such experimental
results also provide guidance and reference significance
for subsequent research on the transmission part of the
roller pump. For example, the selection of larger-sized
rollers can effectively reduce the self-propagation speed.

The experimental results of the roller piston
pump’s volumetric efficiency at various speeds and
load pressures are shown in Fig. 18. The volumetric
efficiencies of the prototype pump’s experimental re-
sults and simulation results are largely in agreement.
Experiments show that the roller piston pump has high
volumetric efficiency. When the speed is 10000 r/min
and the load pressure is 8 MPa, its volumetric efficiency
is as high as 95.59%. As shown in Figs. 18a and 18b,
with the increase of load pressure, both backflow and
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Fig. 16 Simulation and experimental results of mechanical efficiency: (a) rotational speeds of 3000 and 5000 r/min;
(b) rotational speeds of 8000 and 10000 r/min; (c) load pressures of 1 and 3 MPa; (d) load pressures of 5 and 8 MPa
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Fig. 17 Simulation and experimental results at different friction coefficients: (a) load pressure of 5 MPa; (b) load

pressure of 8 MPa

leakage increase as the load pressure increases. Thus, the
experimental results of volumetric efficiency decrease

with the increasing load pressure. As shown in Figs. 18c
and 18d, when the load pressure is constant, the leakage
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Fig. 18 Simulation results and experimental results of volumetric efficiency: (a) rotational speeds of 3000 and 5000 r/min;
(b) rotational speeds of 8000 and 10000 r/min; (c) load pressures of 1 and 3 MPa; (d) load pressures of 5 and 8 MPa

amount decreases as the rotational speed increases
because the backflow does not change. Consequently, as
the rotational speed increases, the experimental results
of volumetric efficiency rise. Under wide-speed and
high-speed conditions, the experimental results show
that the novel roller piston pump has extremely high
volumetric efficiency and low leakage, which confirms
the good feasibility of the novel structure. The experi-
mental results are generally consistent with the simu-
lation results at low speed and load pressure, and the
maximum error value is 2.43%.

However, as shown in Fig. 18d, when the speed
exceeds 7000 r/min, the volumetric efficiency decreases
with the increasing speed. This may be because the
temperature of the oil rises rapidly under high-speed
and high-load conditions and the viscosity decreases,
resulting in increased leakage. To verify this conjecture,

the simulation results under different oil viscosities are
compared with the experimental results, as shown in
Fig. 19. When the oil viscosity increases, the simulation
results of the volumetric efficiency clearly increase and
have an intersection with the experimental results. It can
be estimated that the oil viscosity is 0.005 when the
load pressure is 8 MPa and the speed is 10000 r/min.
Finally, the performance of the roller piston pump
is compared with the traditional axial piston pump
(Chao, 2019) and the traditional 2D piston pump (Huang
et al., 2020b, 2020c¢) preliminarily, as shown in Table 2.
Since the structural parameters of these three pumps
are different, the comparison of displacement is of
little significance. Compared with the traditional axial
piston pump, the maximum speed of both can reach
10000 r/min. However, at the highest efficiency point,
the volumetric efficiency and mechanical efficiency of
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Fig. 19 Simulation and experimental results at different oil viscosities: (a) load pressure of 5 MPa; (b) load pressure of § MPa

Table 2 Comparisons between roller piston pump and traditional axial piston pump and 2D piston pump

Volumetric efficiency of Mechanical efficiency

. . Displacement ~ Maximum Maximum . . . .
Classification (mL/r) pressure (MPa) speed (r/min) maximum efficiency of maximum efficiency
point (%) point (%)
Roller piston pump 3.925 8 10000 96.4 88.4
Traditional axial piston pump 7.250 28 10000 95.0 70.0
(Chao, 2019)
Traditional 2D piston pump 5.120 8 5000 96.0 70.0

(Huang et al., 2020b, 2020c)

the roller piston pump are 96.4% and 88.4%, respec-
tively, which are both higher than those of the tradi-
tional axial piston pump. Compared with the traditional
2D piston pump, the maximum speed of the roller pis-
ton pump is twice that of the original. In addition, the
volumetric efficiency and mechanical efficiency are
greatly improved. Therefore, the high efficiency advan-
tage of the roller piston pump has also been initially
verified.

6 Conclusions

1. A novel roller piston pump is presented where
a cam guide-roller type rolling support is adopted to
replace the sliding pair support of the swash plate-
slipper pair to achieve the piston cavity’s oil suction and
discharge. In addition, the shaft distribution is used to
replace the original valve plate distribution, and the driv-
ing shaft is used as the distribution shaft, which greatly
simplifies the axial piston pump’s design. Through the
symmetrical design of the structure, the inertial force
balance of the pump and the realization of no structural

flow pulsation are achieved and meet the requirements
of high integration and small pressure pulsation for
aviation hydraulic pumps.

2. Based on the motion law and distribution prin-
ciple of the roller piston pump, the mathematical mod-
els of the pump’s mechanical efficiency and volumetric
efficiency are respectively established. Through the
numerical simulation of MATLAB and AMESim, the
influence of rotational speed and load pressure on the
mechanical efficiency and volumetric efficiency of the
piston pump is analyzed. Moreover, it is proved that
there is no structural flow pulsation in the roller pump.
When the load pressure of the roller piston pump is con-
stant, the mechanical efficiency decreases with the
increase of the rotational speed, and the volumetric
efficiency increases with the increase of the rotational
speed. When the rotational speed remains constant, the
mechanical efficiency increases with the increasing load
pressure, while the volumetric efficiency decreases.

3. The experimental results demonstrate the excel-
lent efficiency of the roller piston pump. When the load
pressure is 8 MPa and the rotation speed is increased
from 3000 to 10000 r/min, the mechanical efficiency
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changes from high to low, and the range is 91.7%—
66.7%, and the volumetric efficiency changes from low
to high, and the range is 95.6%—-97.8%. In addition,
when the load pressure is 1-8 MPa and the rotational
speed is 3000—10000 r/min, the volumetric efficiency of
the roller pump varies from 95.6% to 99.6%. The results
show that the removal of the valve plate through struc-
tural innovation reduces leakage and greatly improves
volumetric efficiency. The roller pump can rotate at a
maximum speed of 10000 r/min or higher, which meets
the needs of high speed and variable speed for aero-
space fuel pumps.
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